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Abstract 

This paper examines the effect of friction model on the 
simulation accuracy of a hydraulic cylinder by using 
three friction models: a steady-state friction model, the 
LuGre model, and the new modified LuGre model. 
Hydraulic cylinder’s behaviors were measured under 
sinusoidal input to the servo valve. Simulations were 
conducted under the same conditions as the experiments. 
The comparisons of simulated results with measured 
ones show that the new modified LuGre model can 
predict accurately the hydraulic cylinder’s behaviors. 
Meanwhile, the steady-state friction model and the 
LuGre model cause high-frequency oscillations with 
large amplitudes in velocity, friction force, and 
pressures, which is not observed in experiments.  
Keywords: friction, hydraulic actuator, friction model, 
simulation, new modified LuGre model 
 

1 Introduction 
A hydraulic actuation system is widely used in many 

applications ranging from robotics and aerospace to 
mining, construction and underwater manipulators 
because of its high force/torque and power density. 
However, the dynamic characteristics of the hydraulic 
system are relatively complicated due to its high 
nonlinearities. If the motion of the hydraulic system can 
be accurately predicted at its design stage by simulation, 
the design of the system including the selection of the 
components and the design of the controller will be able 
to be made appropriately, and the design process may be 
shortened.  

One of the nonlinearities of the hydraulic system is 
friction. Friction may cause control errors, limit cycles, 
and poor performance of the system. It is, therefore, 
necessary to find an accurate mathematical model of 
friction to predict accurately the motions of the 
hydraulic system.  

Several mathematical models to describe the 
steady-state friction characteristics have been proposed 
[1-3] and are widely used in mechanical systems 
including a hydraulic system. Such steady-state friction 
models are very useful when steady-state performances 
of a mechanical system are predicted or analyzed. 

However, the steady-state friction models are not 
enough or useless to predict the motion of a hydraulic 
system, especially for the cases where the system 
repeats start/stop or inching motion.  

Several dynamic friction models have been proposed 
so far [4-9] and among them, the LuGre model [5] is 
most widely utilized. The LuGre model, however, 
cannot simulate well the dynamic friction behaviors of a 
hydraulic cylinder in the sliding regime as shown in [9]. 
Yanada and Sekikawa [9] have made a modification to 
the LuGre model by incorporating lubricant film 
dynamics into the model and it has been shown that the 
proposed model, called the modified LuGre model, can 
simulate the dynamic behaviors of friction observed in 
hydraulic cylinders with a relatively good accuracy 
[9-10]. 

Tran et al. [11] have shown that the modified LuGre 
model is valid only in the negative resistance regime 
and cannot simulate the hysteretic behaviors observed in 
hydraulic cylinders in the fluid lubrication regime. In 
addition, they have revised the modified LuGre model 
by replacing the usual fluid friction term with a 
first-order lead dynamics and have shown the usefulness 
of the new modified LuGre model in the entire sliding 
regime.  

Although the usefulness of the LuGre model and the 
new modified LuGre model have been verified, the 
validity of those models in predicting the motion of a 
hydraulic system has not been investigated. 

In this paper, the effect of three friction models, i.e., a 
steady-state friction model (static + Coloumb + viscous 
friction), the LuGre model, and the new modified LuGre 
model on the simulation accuracy of a hydraulic 
cylinder is examined. Hydraulic cylinder’s behaviors 
such as piston velocity, friction force, and pressures are 
measured under various operating conditions of 
sinusoidal input to an electrohydraulic servo valve. 
Hydraulic cylinder’s behaviors are simulated using 
MATLAB/Simulink by incorporating one of the three 
friction models with identified parameters into the entire 
system model. The simulated behaviors are compared 
with measured ones, and how the simulated behaviors 
are affected by friction model and which model is the 
best are discussed.    

4. Experimental method and result 
4.1 Experimental method and condition 
    An experimental model was prototyped as shown in 
Fig. 9. Small resistant chips were placed with adhesive 
on the substrate plate as heater, then heat input was 
supplied using a direct current power supply. 
Temperatures at the center of the substrate plate and the 
end of a fin were measured by a thin film type thermo 
couple, further the temperature distribution of the model 
was observed by a thermo-viewer (CHINO; CPA-0170A), 
setting the relative emissivity ε to 0.71. On other hand, 
calculation was conducted at the above experimental 
condition. 
 
 
 
 
 
 
 
 
 
 
 

Fig. 9 A model proto-typed for experiment 
 
Table 5 Comparison between measured and 

calculated temperature  

 
Position 

Center of 
substrate plate End of fin 

Measured with 
thermo-couple 58.5˚C 55.3˚C 
Measured with 
thermo-viewer 58.5˚C 55.0˚C 
Calculated by 

FEM 56.5˚C 53.5˚C 
 
4.2 Experimental result and discussion 
    The empirical and calculated results are shown in 
Table 5. A set of empirical values was consistent well 
with the calculated values, although the experiment was 
conducted only for one construction due to difficulty in 
manufacturing some models, and the empirical values 
showed higher by approximately two centigrade. 
Therefore, it is suggested that the obtained results in this 
paper is verified in a range of the present condition. 
 

5. Conclusion  
With regard to a LED bulb with a diameter of 60mm 

and a power of 6 watt, the effect of the heat dissipation 
structure was analyzed by the FEM method in order to 
minimize the maximum temperature which affect electric 
efficiency and life, and the following results were 
obtained.  

(1) It was found that the influence factor on the 
maximum temperature of the LED chips was greater in 
the order of the presence or absence of outer cylinder, the 
number of fins, and the number of LED tips, and so forth 
on the maximum temperature of the LED chips 

(2) It was confirmed that the open type structure 
without outer cylinder was effective to prevent the 
increase of inner temperature. 

(3) Within the studied condition, the worst structure 
showed a lowest max. temperature of 186˚C, however the 
best model can decrease the max. temperature to 38˚C. 

(4) Using the regression equation obtained by the 
FEM calculation results, the maximum temperature can 
be estimated without the change of CAD diagram and 
FEM analysis in a range of the present condition.  
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parameters of the three models, Fs, Fc, vs, vb, n, and 2, 
were identified from the measured steady-state friction 
characteristics using the least-squares method and the 
dynamic parameters, 0, 1, h, and T, were identified 
by the method proposed in [11]. 

 
3 Electrohydraulic servo system and its 

mathematical model 
3.1 Electrohydraulic servo system 

The test setup used in this investigation is shown in 
Fig. 3. A single rod (asymmetrical) hydraulic cylinder 
(2) of which stroke, internal diameter and piston rod 
diameter are 0.2 m, 0.032 m and 0.018 m, respectively, 
was fixed vertically on a frame (1) made of U-shape 
bars and the hydraulic piston was connected to the load 
mass (5) made of steel circular plates through a 
rectangular steel plate (4). The motion of the hydraulic 
piston was controlled by a servo-valve (9). Two pressure 
sensors (8) with an accuracy of 0.5 %R.O. were used to 
measure the pressures, P1, P2, in the cylinder chambers; 
the piston velocity, v, was measured using a 
tacho-generator (6) with a ripple of less than 2% by 
converting linear motion of the piston to rotational 
motion through a ball-screw (3) and a belt (7). The ball 
screw and the tacho-generator were mounted on the 
frame (1) as shown in Fig. 3(b). Signals from the 
sensors were read into a computer (10) through a 12-bit 
analogue-to-digital (A/D) converter and a signal from 
the computer was supplied to the servo-valve through a 
12-bit digital-to-analogue (D/A) converter.  

Measured data, i.e., velocity, v, and pressures, P1, P2, 
were recorded at the interval of 0.5 ms (2 kHz). To 
improve the quality of the measured data, an acausal 
low-pass filter with a bandwidth of 150 Hz was used to 
reduce the measurement noise. The acceleration, a, of 
the piston was calculated by an approximate 
differentiation of the measured piston velocity. The 
noise in the calculated acceleration signal was filtered 
by an acausal low-pass filter with a bandwidth of 32 Hz. 

The friction force, Fr, is obtained from the equation of 
motion of the hydraulic piston using the measured 
values of the pressures in the cylinder chambers, the 
acceleration of the piston and the weight of the load  

mass as follows: 

gmmaAPAPFr  2211         (13) 

where m is the load mass, A1, A2 are the piston areas, 
and ɡ is the acceleration of gravity. 

The experiments were conducted at the oil 
temperature in the oil tank of 30±2 oC and at the supply 
pressure of Ps=5 MPa under open loop condition. The 
hydraulic piston is arbitrarily driven by supplying 
different command inputs of different waveforms. Every 
experiment was conducted three times to ensure the 
repeatability. 
3.2 Mathematical model 

The relationship between the displacement of the 
valve spool, xv, and the servo valve control signal, u, can 
be approximated by a second-order model as follows:   
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where kv is the valve spool position gain, ωv is the valve 
natural angular frequency and v is the damping ratio of 
the servo valve. 

The relationship between the volumetric flow rates Q1, 
Q2 and the pressures in both chambers of the cylinder 
are described in the following forms 
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where βh is the effective bulk modulus of the fluid, V1 
and V2 are the total fluid volumes in the two cylinder 
chambers and are given by 

xAVV 1101                    (17) 
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where L stands for the stroke length of the cylinder and 
x is the displacement of the mass. V10 and V20 are the 
dead volumes in the two cylinder chambers, 
respectively.  

 

Fig. 3 Schema of experimental apparatus: a) side view b) front view 
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2 Friction models 
In this section, a steady-state friction model, the 

LuGre model and the new modified LuGre model are 
described in brief. 
2.1 Steady-state friction model 

The steady-state friction models that are the 
combination of Coulomb friction, viscous friction, static 
friction have been proposed and are summarized in the 
literature [1,2] and is most commonly used in 
engineering fields. The friction force is given by a 
function of velocity as follows: 
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where Fr is the friction force, Fc is the Coulomb friction 
and is independent of the magnitude of the velocity, Fs 
is the static friction force that is observed immediately 
before there is a slide of the contacting surfaces, vs is the 
Stribeck velocity and is related to the velocity range of 
the negative resistance regime, n is the exponent that 
affects the slope of the Stribeck curve, 2 is the viscous 
friction coefficient, v is the velocity between the two 
surfaces in contact. The characteristics of the 
steady-state friction model are shown in Fig. 1. 

 
Fig. 1 Steady-state friction model 

2.2 LuGre model 
Canudas de Wit et al. [5] have proposed the LuGre 

model which combined the stiction behavior with an 
arbitrary steady-state friction characteristic. The LuGre 
model is based on the bristle model shown in Fig. 2. 
Contacting asperities on the surfaces are modeled as 
rigid bristles on one surface and elastic ones on another 
surface. The LuGre model is given by  
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Fig. 2 Bristle model 

where z is the mean deflection of the elastic bristles, 0 
is the stiffness of the elastic bristles, 1 is the 
micro-viscous friction coefficient, g(v) is a Stribeck 
function given by 
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For steady-state, friction force is given by eq. (1). 
 

2.3 New modified LuGre model 
Tran et al. [11] have extended the modified LuGre 

model [9] for simulating the dynamic behaviors of 
friction of hydraulic cylinders in the fluid lubrication 
regime by replacing the usual fluid friction term with a 
first-order lead dynamics. The model is called the new 
modified LuGre model and is described by 
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where T is the time constant for fluid friction dynamics, 
g(v, h) is a Stribeck function that expresses the Coulomb 
friction and the Stribeck effect, and is obtained by 
incorporating a dimensionless lubricant film thickness, 
h, into the Stribeck function g(v) of the LuGre model in 
eq.(4) as follows: 

  n
svv

csc eFFhFhvg )()1(),(     (7)                          

The lubricant film dynamics can be given by 

)(1 hh
dt
dh

ss
h




            (8) 

0

( 0, )

( 0, )
( 0)

hp ss

h hn ss

h

v h h

v h h
v



 


 


  
 

           (9)












)(||
)(||

3/2

3/2

bbf

bf
ss vvvK

vvvK
h         (10) 

  32||1  bscf vFFK              (11) 

where hss is the dimensionless steady-state lubricant 
film thickness parameter, Kf is the proportional constant 
for lubricant film thickness, vb is the velocity within 
which the lubricant film thickness is varied, and hp, hn, 
h0 are the time constants for acceleration, deceleration, 
and dwell periods, respectively. For steady-state, 
friction force is given by 
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In this paper, simulation was done using 
MATLAB/Simulink. The current supplied to a servo 
valve was used as the input to the model. The static 
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parameters of the three models, Fs, Fc, vs, vb, n, and 2, 
were identified from the measured steady-state friction 
characteristics using the least-squares method and the 
dynamic parameters, 0, 1, h, and T, were identified 
by the method proposed in [11]. 

 
3 Electrohydraulic servo system and its 

mathematical model 
3.1 Electrohydraulic servo system 

The test setup used in this investigation is shown in 
Fig. 3. A single rod (asymmetrical) hydraulic cylinder 
(2) of which stroke, internal diameter and piston rod 
diameter are 0.2 m, 0.032 m and 0.018 m, respectively, 
was fixed vertically on a frame (1) made of U-shape 
bars and the hydraulic piston was connected to the load 
mass (5) made of steel circular plates through a 
rectangular steel plate (4). The motion of the hydraulic 
piston was controlled by a servo-valve (9). Two pressure 
sensors (8) with an accuracy of 0.5 %R.O. were used to 
measure the pressures, P1, P2, in the cylinder chambers; 
the piston velocity, v, was measured using a 
tacho-generator (6) with a ripple of less than 2% by 
converting linear motion of the piston to rotational 
motion through a ball-screw (3) and a belt (7). The ball 
screw and the tacho-generator were mounted on the 
frame (1) as shown in Fig. 3(b). Signals from the 
sensors were read into a computer (10) through a 12-bit 
analogue-to-digital (A/D) converter and a signal from 
the computer was supplied to the servo-valve through a 
12-bit digital-to-analogue (D/A) converter.  

Measured data, i.e., velocity, v, and pressures, P1, P2, 
were recorded at the interval of 0.5 ms (2 kHz). To 
improve the quality of the measured data, an acausal 
low-pass filter with a bandwidth of 150 Hz was used to 
reduce the measurement noise. The acceleration, a, of 
the piston was calculated by an approximate 
differentiation of the measured piston velocity. The 
noise in the calculated acceleration signal was filtered 
by an acausal low-pass filter with a bandwidth of 32 Hz. 

The friction force, Fr, is obtained from the equation of 
motion of the hydraulic piston using the measured 
values of the pressures in the cylinder chambers, the 
acceleration of the piston and the weight of the load  

mass as follows: 

gmmaAPAPFr  2211         (13) 

where m is the load mass, A1, A2 are the piston areas, 
and ɡ is the acceleration of gravity. 

The experiments were conducted at the oil 
temperature in the oil tank of 30±2 oC and at the supply 
pressure of Ps=5 MPa under open loop condition. The 
hydraulic piston is arbitrarily driven by supplying 
different command inputs of different waveforms. Every 
experiment was conducted three times to ensure the 
repeatability. 
3.2 Mathematical model 

The relationship between the displacement of the 
valve spool, xv, and the servo valve control signal, u, can 
be approximated by a second-order model as follows:   

u
ss

kx
vvv

vv
v 22

2

2 



           (14) 

where kv is the valve spool position gain, ωv is the valve 
natural angular frequency and v is the damping ratio of 
the servo valve. 

The relationship between the volumetric flow rates Q1, 
Q2 and the pressures in both chambers of the cylinder 
are described in the following forms 
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where βh is the effective bulk modulus of the fluid, V1 
and V2 are the total fluid volumes in the two cylinder 
chambers and are given by 
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where L stands for the stroke length of the cylinder and 
x is the displacement of the mass. V10 and V20 are the 
dead volumes in the two cylinder chambers, 
respectively.  
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2 Friction models 
In this section, a steady-state friction model, the 

LuGre model and the new modified LuGre model are 
described in brief. 
2.1 Steady-state friction model 

The steady-state friction models that are the 
combination of Coulomb friction, viscous friction, static 
friction have been proposed and are summarized in the 
literature [1,2] and is most commonly used in 
engineering fields. The friction force is given by a 
function of velocity as follows: 
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where Fr is the friction force, Fc is the Coulomb friction 
and is independent of the magnitude of the velocity, Fs 
is the static friction force that is observed immediately 
before there is a slide of the contacting surfaces, vs is the 
Stribeck velocity and is related to the velocity range of 
the negative resistance regime, n is the exponent that 
affects the slope of the Stribeck curve, 2 is the viscous 
friction coefficient, v is the velocity between the two 
surfaces in contact. The characteristics of the 
steady-state friction model are shown in Fig. 1. 

 
Fig. 1 Steady-state friction model 
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Fig. 2 Bristle model 

where z is the mean deflection of the elastic bristles, 0 
is the stiffness of the elastic bristles, 1 is the 
micro-viscous friction coefficient, g(v) is a Stribeck 
function given by 
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For steady-state, friction force is given by eq. (1). 
 

2.3 New modified LuGre model 
Tran et al. [11] have extended the modified LuGre 

model [9] for simulating the dynamic behaviors of 
friction of hydraulic cylinders in the fluid lubrication 
regime by replacing the usual fluid friction term with a 
first-order lead dynamics. The model is called the new 
modified LuGre model and is described by 

v
hvg
zv

dt
dz

),(
0                   (5)

0 1 2r
dz dvF z v T
dt dt

        
 

      (6) 

where T is the time constant for fluid friction dynamics, 
g(v, h) is a Stribeck function that expresses the Coulomb 
friction and the Stribeck effect, and is obtained by 
incorporating a dimensionless lubricant film thickness, 
h, into the Stribeck function g(v) of the LuGre model in 
eq.(4) as follows: 
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where hss is the dimensionless steady-state lubricant 
film thickness parameter, Kf is the proportional constant 
for lubricant film thickness, vb is the velocity within 
which the lubricant film thickness is varied, and hp, hn, 
h0 are the time constants for acceleration, deceleration, 
and dwell periods, respectively. For steady-state, 
friction force is given by 
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In this paper, simulation was done using 
MATLAB/Simulink. The current supplied to a servo 
valve was used as the input to the model. The static 
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and the frequency of 1 Hz. As shown in Fig. 5, the 
friction force, the actuator velocity and the cylinder 
chamber pressures are strongly interconnected with each 
other.  

The piston velocity variation is shown in Fig. 5(a) in 
which the velocity is varied sinusoidally ranging 
between -0.14 m/s and +0.14 m/s. Fig 5(b) shows that 
the maximum friction force (break-away force) can be 
seen instantaneously after starting from the rest. After 
the friction force has attained its maximum, it decreases 
continuously in the following period of velocity 
variation in the first half cycle. After that, the sign of the 
friction force is reversed almost at the same time as the 
velocity reversal. After the first cycle of the velocity 
variation, almost the same friction behavior is repeated. 
Regarding the pressure variation in Fig. 5(c), it can be 
noticed that the pressure P1 is always greater than the 
pressure P2 because of the large load mass. 

Based on the measured steady-state and dynamic 
friction characteristics, the parameters of the three 
models were identified. The identified results of the 
parameters are shown in Table 2. 
 
Table 2 Values of the static parameters of the models 

Parameters v > 0 v > 0 
Fs [N] 830 500 
Fc [N] 210 80 
vs [m/s] 0.0125 0.01 
vb [m/s] 0.7 0.9 
n 0.05 0.05 
2 [Ns/m] 330 350 
s] 0.33 0.07 
0 [N/m] 5 ×106 
1 [Ns/m] 0.1 
hp [s]    0.25 
hn [s] 1.5 
h0 [s] 40 
 

4.2 Simulation  
Figure 6 shows comparisons between the dynamic 

characteristics measured and the ones simulated by the 
new modified LuGre model at the conditions of u =2mA, 
f=0.5 Hz and m=118kg. As can be seen from Fig. 6, the 
simulated results of the velocity and the friction force 
are in good overall agreement with the measured ones. 
The pressures are not in so good agreement between the 
simulation and experiment, especially in the negative 
velocity range, but the overall tendency is similar 
between both.  

Figure 7 shows the comparisons between the 
dynamic characteristics measured and the ones 
simulated by the LuGre model. It is shown that the 
friction force cannot be simulated precisely by the 
LuGre model as has already been shown [9]. In addition, 
oscillations are observed in the velocity variation. Such 
velocity oscillations cause the oscillations of friction 
force as well as pressures. It is considered that such 
oscillatory behaviors are caused by large, steep 
variations in friction force at the velocity reversals.  

Figure 8 shows the comparisons between the 
dynamic characteristics measured and the ones  

 

 

 
Fig. 6 Comparison between measured and simulated 

results using the new modified LuGre model 
at u= 2mA, f=0.5 Hz, m=118 kg 

   
simulated by the steady-state friction model. For this 
model, the variation of the friction force at velocity 
reversal becomes larger than that of the LuGre model 
and because of this, much larger oscillations are seen in 
the velocity, friction force, and in the pressures. The 
waveforms of the pressures are almost the same among 
the three friction models except for the oscillatory 
components. 

 
 5 Conclusions 

In this paper, both experiments and simulations are 
conducted to investigate the effect of friction model on 
the simulation accuracy of a hydraulic cylinder by using 
three friction models: a steady-state friction model, the 
LuGre model, and the new modified LuGre. The results 
have shown that the new modified LuGre model can 
predict the hydraulic cylinder’s behaviors with a good 
accuracy. Meanwhile, the steady-state friction model 
and the LuGre model cannot predict accurately the 
friction behaviors and cause high-frequency oscillations 
with large amplitudes in velocity, friction force, and 
pressures, which are not observed in experiments. In 
addition, the amplitude of the oscillations is larger for 
the steady-state friction model than for the LuGre 
model. 
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where Ps is the supply pressure to the servo valve and w 
is the circumferential width of the rectangular port cut 
into the valve sleeve, and U is the valve underlap. Kv is 
given by 

2dv cK                     (23) 

where cd is the discharge coefficient of the valve orifice, 
is the density of the hydraulic fluid. The analysis of 
hydraulic servo systems of this type is well documented 
in the literature [12]. 

The motion of the hydraulic cylinder can be described 
as follows: 

gmFAPAP
td
vdm r  2211        (24) 

The system parameters used in the simulation are 
given in Table 1. 

 
Table 1 System parameters 

Parameters Value 
kv [m/A] 0.0227 
ωv [rad/s] 440 
ζv     0.75 
βh [Pa] 1 × 108 
V10 [m3] 5 × 10-6 
V20 [m3] 1 × 10-6 
U [m] 4 × 10-5 
cd      0.32 
ρ [kg/m3 ] 862 

 
4 Results and discussion 

4.1 Experiment 
Figure 4 shows the steady-state friction characteristic 

of the hydraulic cylinder measured at the load mass of 

m=118 kg. Positive velocity corresponds to the 
extending stroke of the piston and negative one to the 
retracting stroke. It is shown in Fig. 4 that the steady- 
state friction characteristic of the hydraulic cylinder is 
presented by a Stribeck curve as has been shown in [11], 
and that the friction force is larger in the extending 
stroke than in the retracting stroke. These asymmetrical 
friction characteristics come from the asymmetrical 
structures of the packing material and the hydraulic 
cylinder. 

Figure 5 shows the measured dynamic characteristics 
of the hydraulic cylinder under a sinusoidal current 
input to the servo valve at the load mass of 118 kg. The 
valve current was varied with the amplitude of 4.5 mA  
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and the frequency of 1 Hz. As shown in Fig. 5, the 
friction force, the actuator velocity and the cylinder 
chamber pressures are strongly interconnected with each 
other.  

The piston velocity variation is shown in Fig. 5(a) in 
which the velocity is varied sinusoidally ranging 
between -0.14 m/s and +0.14 m/s. Fig 5(b) shows that 
the maximum friction force (break-away force) can be 
seen instantaneously after starting from the rest. After 
the friction force has attained its maximum, it decreases 
continuously in the following period of velocity 
variation in the first half cycle. After that, the sign of the 
friction force is reversed almost at the same time as the 
velocity reversal. After the first cycle of the velocity 
variation, almost the same friction behavior is repeated. 
Regarding the pressure variation in Fig. 5(c), it can be 
noticed that the pressure P1 is always greater than the 
pressure P2 because of the large load mass. 

Based on the measured steady-state and dynamic 
friction characteristics, the parameters of the three 
models were identified. The identified results of the 
parameters are shown in Table 2. 
 
Table 2 Values of the static parameters of the models 

Parameters v > 0 v > 0 
Fs [N] 830 500 
Fc [N] 210 80 
vs [m/s] 0.0125 0.01 
vb [m/s] 0.7 0.9 
n 0.05 0.05 
2 [Ns/m] 330 350 
s] 0.33 0.07 
0 [N/m] 5 ×106 
1 [Ns/m] 0.1 
hp [s]    0.25 
hn [s] 1.5 
h0 [s] 40 
 

4.2 Simulation  
Figure 6 shows comparisons between the dynamic 

characteristics measured and the ones simulated by the 
new modified LuGre model at the conditions of u =2mA, 
f=0.5 Hz and m=118kg. As can be seen from Fig. 6, the 
simulated results of the velocity and the friction force 
are in good overall agreement with the measured ones. 
The pressures are not in so good agreement between the 
simulation and experiment, especially in the negative 
velocity range, but the overall tendency is similar 
between both.  

Figure 7 shows the comparisons between the 
dynamic characteristics measured and the ones 
simulated by the LuGre model. It is shown that the 
friction force cannot be simulated precisely by the 
LuGre model as has already been shown [9]. In addition, 
oscillations are observed in the velocity variation. Such 
velocity oscillations cause the oscillations of friction 
force as well as pressures. It is considered that such 
oscillatory behaviors are caused by large, steep 
variations in friction force at the velocity reversals.  

Figure 8 shows the comparisons between the 
dynamic characteristics measured and the ones  

 

 

 
Fig. 6 Comparison between measured and simulated 

results using the new modified LuGre model 
at u= 2mA, f=0.5 Hz, m=118 kg 

   
simulated by the steady-state friction model. For this 
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reversal becomes larger than that of the LuGre model 
and because of this, much larger oscillations are seen in 
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waveforms of the pressures are almost the same among 
the three friction models except for the oscillatory 
components. 
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have shown that the new modified LuGre model can 
predict the hydraulic cylinder’s behaviors with a good 
accuracy. Meanwhile, the steady-state friction model 
and the LuGre model cannot predict accurately the 
friction behaviors and cause high-frequency oscillations 
with large amplitudes in velocity, friction force, and 
pressures, which are not observed in experiments. In 
addition, the amplitude of the oscillations is larger for 
the steady-state friction model than for the LuGre 
model. 
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where Ps is the supply pressure to the servo valve and w 
is the circumferential width of the rectangular port cut 
into the valve sleeve, and U is the valve underlap. Kv is 
given by 

2dv cK                     (23) 

where cd is the discharge coefficient of the valve orifice, 
is the density of the hydraulic fluid. The analysis of 
hydraulic servo systems of this type is well documented 
in the literature [12]. 

The motion of the hydraulic cylinder can be described 
as follows: 
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The system parameters used in the simulation are 
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Abstract 
The transmitted torque, the roller surface temperature, 
the specific sliding and the average electric voltage (oil 
film formation) between concave and convex rollers 
were simultaneously measured for the cases using 
traction oils TD22 and SANTOLUBES32 under 
different running conditions by means of a concave and 
convex roller test machine, which had been developed 
by the authors, and then the traction curves and the oil 
film formations were obtained. On the basis of these 
results, effects of specific sliding, contact pressure and 
roller speed on the traction coefficient, the roller surface 
temperature and the oil film formation were determined. 
 Keywords: traction drive, concave and convex roller 
pair, traction coefficient, oil film formation, roller 
surface temperature, specific sliding 
 

1 Introduction 
Recently CVT (Continuously Variable Transmis- 

sion) using traction drives such as the epicyclic roller 
transmission is become great concern into use. There are 
a lot of convex-convex roller pairs and concave-convex 
roller pairs in these drives. Many studies on traction 
drives have been reported [1]-[3]. Most of these studies 
have treated the traction characteristics of a convex- 
convex roller pair. Some traction drives such as the 
epicyclic roller transmission consist of a concave and 
convex roller, so it has become necessary to determine 
the traction characteristics of a concave-convex roller 
pair for the design. The effects of the specific sliding, 
the contact pressure, the roller speed and the surface 
roughness on traction characteristics of concave-convex 
roller pair and the limit transmissible torque in traction 
drive of concave-convex roller pair were determined 
experimentally by Oda and Miyachika et al. [4] and also 
theoretically by Nonishi et al. [5]. The traction 
character- istics and the power transmission efficiency 
in traction drive of concave and convex roller in cases 
using traction oils TD10, TD22 and KTF-1 had been 
published by the authors [6]-[7]. Effect of traction oil on 
power loss of spur gear drive had been reported by Ikejo 
et al. [8]. 

In the present paper, traction characteristics in 
traction drive of concave and convex roller pair in cases 
using traction oils TD22 and SANTOLUBES32. The 
transmitted torque, the roller surface temperature, the 

specific sliding and the average electric voltage between 
concave and convex rollers were simultaneously 
measured for the cases using traction oils TD22 and 
SANTOLUBES32 under different running conditions 
by means of a concave and convex roller test machine, 
which had been developed by the authors, and then the 
traction curves and the oil film formations were 
obtained. On the basis of these results, effects of 
specific sliding, contact pressure and roller speed on the 
traction coefficient, the roller surface temperature and 
the oil film formation were determined. 
 

2 Experimental Method and Apparatus 
2.1 Test rollers 

The shapes and dimensions of test rollers are shown 
in Fig. 1. The outer diameter of the convex roller is 56 
mm and the inside diameter of the concave roller 168 
mm. The width of contact parts between these rollers is 
10 and 20 mm. The materials, working and heat 
treatment conditions and surface roughness of the test 
rollers used are shown in Table 1. 

Table 2 shows the chemical properties of traction 
oils used in this experiment. TD22 and SANTO- 
LUBES32 are manufactured by NIPPON OIL 
CORPORATION and SantoLubes LLC, respectively. 

 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 
 

(a) Convex rollers  
(b=10 mm) 

(b) Convex rollers  
(b=20 mm) 

Fig. 1 Shapes and dimensions of test rollers 
(c) Concave rollers 

 

 

 
Fig. 7 Comparison between measured and simulated 

results using the LuGre model at u = 2mA, 
f=0.5 Hz, m =118 kg  
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